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Abstract

In statistical energy analysis (SEA), a complex vibro-acoustic system is represented as an assembly of coupled
subsystems. The parameters of an SEA model are typically derived by considering wave propagation within each
subsystem. Analytical formulations exist for describing wave propagation in many commonly encountered subsystems
(for example, flat plates, curved shells, ribbed panels, etc.). However, problematic subsystems are often encountered that
are not well represented by existing analytical formulations. Examples include composite fuselages, isogrid fairings,
complex ribbed panels and extruded train floors. This paper describes a SEA subsystem formulation based on a
combination of finite elements (FEs), component mode synthesis (CMS) and periodic structure theory. The method
enables the SEA parameters to be efficiently computed for very general structural panels. Expressions are derived for the
modal density, damping loss factor and ‘engineering units’ response of the panel. By making use of an efficient Fourier
transform approach, the resonant radiation efficiency, non-resonant transmission loss and acoustic input power are also
obtained. The method is derived and a number of analytical and experimental validation cases are presented.

2008 Elsevier Ltd. All rights reserved.

1. Introduction
1.1. Overview of SEA

Statistical energy analysis (SEA) represents a field of study in which statistical descriptions of a system are
employed in order to simplify the analysis of complicated vibro-acoustic problems [1,2]. In SEA, a vibro-
acoustic system is represented in terms of a collection of coupled subsystems that can receive, store, dissipate
and transmit energy. The traditional approach to SEA modeling therefore typically involves (i) describing a
complex system in terms of a number of simpler connected subsystems (with an emphasis on removing
unnecessary detail in order to simplify an analysis) and (ii) finding the ‘best fit’ SEA subsystems from a fixed
library of subsystem formulations. As noted by Smith [3], the general philosophy behind traditional SEA
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modeling is to remove complexity from an analysis and replace an analytically intractable problem by an
equivalent problem that is analytically tractable.

In the wave approach to SEA, a subsystem is defined to be a collection of propagating wavetypes
(sometimes referred to as a ‘wavefield’). The analysis is simplified by assuming that the boundary conditions
and/or lateral extent of the SEA subsystems are uncertain and drawn from a large ensemble of subsystems.
The SEA parameters for a system can then be related to the properties of the propagating wavetypes of the
various subsystems of a system. For example, the energy storage capacity (or modal density) of an SEA
subsystem depends on (i) the average group velocity of the propagating waves within the subsystem and (ii) the
overall dimension of the subsystem. The transmission of energy between subsystems depends on the coupling
loss factors (CLFs) for a particular type of junction. Each CLF describes the power that is transmitted into the
direct field of a receiving subsystem per unit (ensemble average) energy in the reverberant field of a source
subsystem. The transmission of energy at a given junction depends on the impedance that each subsystem
presents at a given type of connection. These impedances can, in turn, be determined from knowledge of the
propagating and evanescent wavetypes within the subsystem. In summary, in order to describe a vibro-
acoustic system using the wave approach to SEA it is necessary to determine (i) the wavetypes that can
propagate within each subsystem (and, in particular, the dispersion information for each propagating
wavetype) and (ii) the impedances that the subsystems present at a given type of connection.

It is possible to derive analytical expressions for the dispersion curves and impedances of subsystems that
have simple cross-sections. Consider, for example, the thin flat plate with uniform cross-section shown in
Fig. 1a. At low frequencies, the plate has three propagating wavetypes associated with extensional, shear and
flexural waves. The dispersion curves for these wavetypes are relatively straightforward to derive and can be
written in closed form (see Ref. [4] for example). Modern SEA codes typically contain extensive libraries of
analytical algorithms for determining the dispersion curves and impedances of different types of subsystems.
These algorithms can, for example, account for complex effects such as curvature, rib stiffening, internal
pressurization and heavy fluid loading [5].

(@) (b) ¥

Fig. 1. Typical panel constructions: (a) simple uniform panel, (b) laminated panel, (c) skin-stringer fuselage, (d) corrugated composite
fuselage, (e) isogrid launch vehicle fairing and (f) extruded aluminum train floor.
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Using analytical expressions in the formulation of an SEA subsystem has the advantages that
(1) the analytical expressions provide insights into the physical parameters that govern the response
of the subsystem and (ii) the SEA parameters can be calculated with minimal computational effort.
The disadvantage is that the formulations sometimes have a limited range of applicability. Consider, for
example, the case of a general viscoelastic laminated section (as shown in Fig. 1b). Such sections are
commonly encountered in laminated glasses and baked-on-mastics in the automotive industry, and in
composite trim panels in the aerospace industry. Existing SEA formulations for uniform plates or simple
sandwich panels are typically not generic enough to capture the physical response of such laminates. In order
to create an accurate SEA model, it is therefore necessary to derive a new section formulation. For this
problem, a generic SEA section formulation can be derived based on the use of spectral elements (for example,
see Ref. [6]).

1.2. Problematic subsystems

Consider now the skin-stringer construction shown in Fig. l1¢. This construction is often found in traditional
aircraft fuselages (n.b., the effects of curvature are important for such constructions but are omitted from the
figure for clarity). The stringers and frames of a traditional fuselage can often be approximated analytically as
a set of orthogonal beams applied to a thin curved shell, making it possible to derive an analytical SEA
formulation (see for example, Ref. [7]). Consider now the problem of describing the non-traditional
corrugated fuselage construction shown in Fig. 1d. Such constructions are typically made from composite
materials and are becoming increasingly common in modern aircraft fuselage designs. The ‘stringers’ in such
constructions do not behave as simple beams, and it is therefore difficult to model such a construction using
existing analytical SEA formulations.

A similar situation is encountered when modeling isogrid constructions in launch vehicle fairings. Isogrid
constructions typically employ a periodic triangular arrangement of stiffeners as shown in Fig. le. The
geometry and layout of the stiffeners are not particularly amenable to analysis using existing analytical SEA
formulations. A further example is encountered when modeling the response of the extruded aluminum
sections encountered in typical train floors (as shown in Fig. 1f). At low frequencies, the section typically
behaves like an orthotropic panel, while at higher frequencies the individual corrugations start to exhibit
localized behavior. Such constructions are, also, often difficult to model rigorously using existing analytical
SEA formulations.

The previous examples highlight the need for the development of new, more general, SEA subsystem
formulations. In principle, it might be possible to derive analytical models of wave propagation in such
sections. However, the complexity of the derivation and resulting analytical expressions typically increases
significantly as the section becomes more complex. It is therefore natural to question whether there is a generic
way to derive a (two-dimensional (2D)) SEA subsystem formulation that (i) can account for an arbitrary
amount of complexity in the subsystem construction, (ii) is robust and computationally efficient and (iii) can
be used to accurately compute the required SEA parameters. The objective of this paper is to derive such a
formulation.

In the following sections, a general method is proposed in which (i) a finite element (FE) model is created of
a representative unit cell of the section, (ii) the computational expense of the FE model is reduced by
performing component mode synthesis (CMS) on the unit cell, (iii) periodic boundary conditions are applied
to the unit cell and the free propagating waves are obtained by solving an algebraic eigenvalue problem and
(iv) various postprocessing expressions are developed in order to compute the required SEA properties for the
section. The following analysis is therefore based on a ‘wave approach’ to SEA; similar results can be obtained
using a ‘modal approach’ as reported in Appendix A.

1.3. Applications of periodic structure theory to SEA
Since the proposed method makes use of periodic structure theory it is useful to review applications of

periodic structure theory to SEA. The analysis of wave propagation in periodic structures has been studied
extensively over the past century (the text book by Brillouin [8] provides a detailed historical review). Mead
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was among the first to apply periodic structure theory to the vibration of continuous systems [9] and presented
a comprehensive review in Ref. [10]. While there is a significant amount of literature related to periodic
structure theory, there are relatively few references that discuss the application of periodic structure theory
to SEA.

Keane and Price [11] studied the use of periodic structure theory in the context of SEA. Their analysis
was primarily concerned with refining various statistical assumptions in the modal approach to SEA,
using information from an analytical periodic structure model. As noted by Keane and Price, the
response of a slightly disordered periodic structure can sometimes be different to that of a perfectly
periodic structure. This point is relevant for the current work, and the effects of irregularity on wave
propagation through weakly coupled periodic systems should also, ideally, be investigated. The assumption
of a perfectly periodic section is, however, likely to be adequate for the subsystems encountered in typical
SEA applications.

Langley [12] discussed the calculation of the modal density of various one and 2D structures using
periodic structure theory. Various expressions were obtained for the energy flow within the periodic
structures. The approach was primarily concerned with the evaluation of modal density and expressions
for other SEA parameters were not presented explicitly. The transmission of energy between two SEA
plates coupled by a deterministic periodic plate was discussed by Langley et al. [13]. In this approach,
the periodic plate is effectively a deterministic ‘junction’ between the two SEA subsystems (and is not
an SEA subsystem itself). Tso and Hansen [14] discussed the calculation of the wave transmission coefficient
between two semi-infinite plates, one of which is represented using one-dimensional (1D) periodic structure
theory. While this approach predicts the transmission into the receiving periodic subsystem, the analysis is
restricted to a particular class of periodic structures. The analysis is also mainly concerned with the wave
transmission coefficient into the receiving subsystem and does not consider the calculation of other SEA
parameters.

Finnveden [15] discusses an alternative approach to modeling the response of a 1D waveguide using a 2D
spectral element formulation. In this approach, the displacement field across the cross-section of the
waveguide is described using a series of 2D FEs, while the displacement field along the waveguide is described
analytically. The wavetypes can then be obtained by solving an algebraic eigenvalue problem. 2D spectral
element approaches have the advantage that they can be applied to 1D waveguides with arbitrarily complex
cross-sections. Such models can be used to compute SEA properties for plate and shell structures. However,
this approach implicitly assumes that the cross-section of the waveguide is known deterministically (and that
uncertainty only exists in the length of the waveguide). Such approaches are therefore typically better suited to
modeling 1D components such as beams and ducts in an SEA context. Furthermore, a 2D spectral element
approach cannot be easily applied to problems in which the periodicity is truly 2D (for example the isogrid
structure shown in Fig. le).

The previous references are mainly concerned with periodicity in structural components. In the current
paper, interest lies not only in the vibrational response of a 2D periodic structure but also in the interactions
between the structure and surrounding acoustic media (in particular, acoustic radiation and acoustic
transmission loss). The remaining sections of the papers are organized as follows. The periodic theory is briefly
reviewed in Section 2. The use of CMS is then proposed in order to reduce the computational expense of the
approach. The derivation of various subsystem properties (modal density, damping and ‘engineering units’
data recovery), are described in Section 3. Section 4 discusses the calculation of the power input from pressure
loads, and the radiation efficiency and transmission loss of the section. Finally, a number of validation
examples are presented in Section 5. Appendix A describes an alternative ‘modal approach’ to derive the same
properties.

2. Periodic structure theory
2.1. Review of standard approach

The current work adopts the periodic theory developed in Ref. [16] for 2D structures. The approach is
briefly summarized in this section. Consider a general structure with 2D periodicity. A periodic cell can be
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Fig. 2. Labeling of edge and corner degrees of freedom for a unit cell of a general 2D periodic structure.

extracted from the structure and modeled using a FE model with degrees of freedom ¢, as shown in Fig. 2.
Steady-state harmonic vibration of frequency w is considered in what follows and all response quantities are
represented by complex amplitudes so that q, for example, corresponds to the time-dependent response
q(1) = Re{qe'®’}. The degrees of freedom q of the cell can be partitioned into interior (1), edge (L, R, B, T) and
corner (LB, RB, LT and RT) degrees of freedom. The internal degrees of freedom are not connected to other
periodic cells.

The vibration response of the structure at a given frequency can be analyzed by specifying a phase lag
between the displacement degrees of freedom at the left, right, bottom and top edges so that

—iey

aGr=¢"q, qr=c g (1)

Similarly, the response of the corner degrees of freedoms may be expressed in terms of the left-bottom
corner response as
g, 2

The terms ¢, and ¢, are referred to as ‘phase constants.” For free wave propagation in an undamped
structure these constants are real and can take values between —n and 7.

In the current analysis, the unit cell is described with FEs so that the degrees of freedom refer to
nodal displacements and rotations. In order to apply periodic boundary conditions, it is therefore
necessary to ensure that the node locations on opposite edges and corners of the cell are identical. The
following analysis is not restricted to ‘flat’ periodic structures and can also be applied to curved structures. For
such structures, it is important to ensure that the edge and corner degrees of freedom are defined in the
appropriate local coordinate system. If all degrees of freedom are initially expressed in the global coordinate
system, then a simple rotation matrix can be used to convert from the global system into the local rotated
coordinates.

The complete vector of local degrees of freedom of the cell can be ordered so that

_ ey _ a—igy _
drg =€ “qrg, qur =¢ “qrp, 4qrr =°¢

T
a=[q/ 93 47 4. 9x'9(s 9k At YGRT) - 3)

The undamped equation of motion for the cell is given by

[K — »*M]q =F, “4)
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where M and K are the nodal mass and stiffness matrices for the unit cell and F is the generalized force vector.
The propagation relations in Eqgs. (1) and (2) can be written in matrix form as

1o o0 0 ]
0 I 0 0
0 Ie @ 0 0
0 0 1 0
qd=Rq with R=[0 0 TIe™ 0 , (5)
0o o o 1
0 0 0 | e
0 0 0 Ie &
0 0 0 Teniv |

where q' = [q; q5 q. qug]’. The previous expression can be used to reduce various degrees of freedom from
Eq. (4). The resulting homogenous equation in the reduced set of coordinates is then given by

K — o*M]q =0, (6)
where
K' = RH(Sxa Sy)KR(Sx, 8}’)7 M = RH(SM gy)MR(sm 8y)a (7)

and where R™ denotes the complex conjugate (or Hermitian) transpose of R. If a particular set of phase
constants (&,,¢,) are specified then the previous expression represents a standard eigenvalue problem. If K and
M are real symmetric then M’ and K’ are Hermitian and the resulting eigenvalues are real and the eigenvectors
are complex. The eigenvalues Qﬁ indicate the frequencies at which a wave can propagate in the structure when
a particular phase lag is specified between the edge and corner degrees of freedom. The eigenvectors @,
describe the corresponding motion of the periodic cell. The eigenvectors can be mass normalized so that
0, Mg, =1.

Many eigenvalues arise for a given set of phase constants since (i) several waves can propagate under a given
periodic constraint and (ii) the periodicity condition is defined modulo 2z. The function Q,(e,.t,) can be
plotted for each eigenvalue; the resulting plots are typically referred to as ‘phase constant surfaces.” Fig. 3
shows an example of a plot of the phase constant surfaces for a typical periodic cell.

If the unit cell exhibits symmetry then there is also symmetry in the phase constant surfaces. This can be
used to reduce computational expense when computing the phase constant surfaces. For example, the
eigensolution for (—e&,, —¢,) is identical to the solution for (&,,¢,) because of the symmetry of the equations
when the propagation direction is reversed. For orthotropic structures, it is also possible to further reduce the
range to 0 <e,<m. Further reductions in computational expense can be obtained by truncating the number of
phase surfaces considered in a given analysis. In the current analysis, only the solutions with eigenvalue
Q(ey.ey) in a given frequency range are extracted (this is similar to the truncation of the modal series in a
standard modal analysis).

In principle, the eigenvalues of Eq. (6) can be directly calculated for a given set of phase constants.
In practice, it is often found that the repeated solution of this eigenvalue problem can be computation-
ally expensive for problems in which the unit cell has a moderately large number of degrees of freedom.
Significant savings in computational expense can be obtained by reducing the number of degrees of
freedom used to describe the response of the unit cell. The following section therefore discusses the use of
CMS to reduce the computational expense associated with determining the phase constant surfaces for a given
unit cell.

2.2. CMS

CMS is a standard method for reducing the size of a large FE model by describing the global response
in terms of the component modes of various local substructures [17]. The use of fixed interface
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Fig. 3. The first three phase constant surfaces for a cross-wise stiffened flat panel.

(or Craig—-Bampton) CMS is particularly well suited for periodic structure theory since the edge degrees of
freedom are retained as separate degrees of freedom in the analysis. In fixed interface CMS, the response of a
system is represented in terms of a set of ‘component’ modes and ‘constraint’ modes. The component modes ®
are taken to be a subset of the local modes of a substructure when the boundary degrees of freedom are
clamped. The constraint modes are given by the static response of the substructure when a unit displacement
or rotation is applied to a given boundary degree of freedom while all other boundary degrees of freedom
remain fixed.

The degrees of freedom in Eq. (4) can be partitioned into the set of interior degrees of freedom q; and a set
of boundary (edge and corner) degrees of freedom q, so that q = [q} q; I'. A reduced set of degrees of
freedom p is then defined so that p = [q£ q; 1" where q, represents the amplitudes of the fixed interface
component modes. The nodal degrees of freedom q are related to the component modal degrees of freedom p
by the following transformation:

® —K,;/'Kp

0 I : (8)

q=Cp, C=

It can be seen that the edge and corner degrees of freedom are retained in the analysis; the CMS reduction
provides an efficient basis with which to describe the response of the interior degrees of freedom. Converged
results can typically be obtained by retaining component modes with natural frequencies less than twice the
maximum frequency in the analysis. The number of component modal degrees of freedom is therefore
typically much smaller than the number of original degrees of freedom of the unit cell.
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If the component modes are mass normalized, then the reduced mass and stiffness matrices are given by
I M, 0

M = C'MC = | vy . .
b M, 0 K;)b

) ©)

] and K = CTKC =

where A is a diagonal matrix which contains the squared circular natural frequencies for the component
modes.

One of the advantages of using CMS in the context of the periodic equations is that the reduction only needs
to be performed once (and does not have to be re-evaluated for each value of the phase constants). This
therefore leads to a significant reduction in computational expense. For problems involving a moderate
number of interior degrees of freedom, the authors have observed speedups of approximately 100 x using
CMS (with a negligible impact on the accuracy of the results).

3. Subsystem properties

In this section, it is shown that the SEA parameters for a given structure can be related to certain
properties of the phase surfaces of a unit cell. A ‘diffuse reverberant field’ in the structure is represented as an
incoherent addition of the waves in a given frequency band of interest. Expressions for the modal density,
damping loss factor and engineering units response are then obtained in terms of various integrations in
‘phase’ space.

The following assumptions are made in this section: (i) it is assumed that the dispersion curves of the
propagating waves are not significantly modified by the addition of damping (i.e. the propagating waves
obtained from Eq. (6) can be used to represent the damped response); (ii) all wavetypes within a section are
assumed to be in equipartition of energy (i.e. no attempt is made to classify individual wavetypes, for example,
bending, shear and longitudinal waves in a panel) and (iii) the reactive impedance of any adjacent fluids is
negligible so that the dispersion curves of the propagating waves of the structure are not significantly modified
by the addition of an adjacent fluid (i.c. the propagating waves obtained from Eq. (6) can be used to represent
the coupled response).

3.1. Modal density

It is shown in Ref. [12] that the modal density of a periodic structure with N, x N, cells can be obtained by
computing the area of the phase constant surfaces lying below the frequency w so that

n(w) = Z—Z, where N(w) = N Ny z:(/_7I /_7r H(w — Q,(ey, 8,)) dey ds},), (10)

and where the Heaviside step function H is given by H(x<0) =0, H(x>0) = 1. The summation n in the
previous expression runs over the phase constant surfaces (i.e. the eigensolutions associated with each (e..e,)
pair).

The previous expression describes the modal density in terms of an integration in ‘phase space.” The
following section presents an alternative derivation of the modal density in terms of an integration in
‘wavenumber space.” For planar structures aligned with the x—y plane there is a direct correspondence
between phase space and wavenumber space. For example, the displacement field associated with wave
propagation in a planar structure can be written as ¢(x, y, z) = ¢(z)e"{***+52) where the wavenumbers k, and
k, are related to the phase constants via the congruence relations ¢, = k.l mod 2n, ¢, = kI, mod 2r. The
dispersion curves k() and k() associated with a given propagating wave can therefore be obtained by
‘unwrapping’ the solutions of Eq. (6) in phase space. This then provides an alternative method for computing
the modal density of a given wavetype. The modal density of the nth wavetype can be expressed in terms of the
following integral along a given dispersion curve k,7 in wavenumber space [12]:

Ay Bk (0, w)‘
(2n)*

np(w) =

n(9 )‘ (11)
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where Ay = NN, A is the effective surface area of the complete periodic structure made of N, x N, cells of
area 4, and the wavenumber is expressed in polar coordinates. The derivative inside the integral could be
evaluated numerically from the calculation of the wavenumber k,(6,w) at two closely separated frequencies.
However, a more efficient way to proceed is to use the matrix relations recently proposed by Finnveden [15]
for waveguides.

The matrix R in Eq. (5) can be expressed in polar coordinates in terms of the modulus and heading of the
phase constants, that is R(k,,0,). Let D denote the dynamic stiffness matrix of the cell, D(w) = K—o’M.
Consider a solution (2, @,) of Eq. (6). Differentiating Eq. (6) with respect to k,, at the frequency €, yields

oRH oR o op

D(2,)R + R"D(Q,) —— — 2Q n— 12
( akn ( n) + ( n) akn n akn akn 0, ( )
where the R matrices are evaluated at (k,,,0,). Given that the matrices in Eq. (6) are Hermitian, pre-multiplying
Eq. (12) by the conjugate transpose of the eigenvector (¢,)" removes the second term in parentheses. The
frequency derivative of the wavenumber (at the frequency Q,) is then given by

% g, - =
0w " @H((ORM /ok,)D(2,)R + RMD(Q,)(0R /0k,))g,”

where it has been noted that the eigenvectors are mass normalized so that q),lf(RHMR)(pn = 1. It is shown in
Refs. [12,15] that Eq. (13) can be singular at the cut-on frequencies of the waves (or equivalently at the bounds
of the pass bands). The integral over wavenumber space, remains finite however.

In summary, if the unwrapped wavenumbers can be computed (using, for example, root tracking
algorithms) then Eqs. (11) and (13) provide an alternative method for evaluating the modal density of a given
wavetype using a wavenumber approach.

R“MR) 0, + R"D(Q,)R)

(13)

3.2. Damping loss factor

The previous analysis assumed that the structure was undamped. Suppose now that damping is introduced
into the structure by specifying a damping loss factor #(x,®), which varies with frequency and position within
the unit cell. The damping distribution may, for example, be used to describe a polymer layer in a viscoelastic
laminate or a local damping treatment applied to an aerospace fuselage. Typically, in an SEA analysis, an
overall subsystem damping loss factor n4w) is defined. This subsystem damping loss factor describes the
overall (ensemble average) power dissipated by the subsystem when a diffuse reverberant field exists within the
subsystem. If the damping is spatially uniform then #, = #. If the damping is not spatially uniform then #,
becomes a function of the phase constant surfaces and the damping distribution 7(x,w), as discussed in the
following section.

The damping loss factor associated with a particular propagating wave in the structure is given by Ref. [6]:
Hu(ex, &,) = Paiss/E, where Py is the power dissipated by the section and E is the energy of the section. The
dissipated power and energy are functions of the phase constants (¢..,) and eigensolution number z. In the
following analysis, structural damping (or ‘complex stiffness’) is assumed so that the dissipated power is
proportional to the local strain energy. Suppose that different local damping loss factors 7, are applied to
various regions of the structure. The dissipated power can then be written as

PdiSS = Z 20)’7; Ura (14)

where U, is the strain energy associated with the region with damping loss factor #,. The strain and total
energies can be expressed in terms of the corresponding FE mass and stiffness matrices and the wave
displacement shape (or eigenvector) @,(e..&,), so that

>.2n,0 (RYK,R)o,
oMM + Klg,

where K, is the contribution of the rth region to the total stiffness matrix of the unit cell. The matrices R, M’
and K’ and the eigenvector @, in Eq. (15) are functions of the phase constants (e..,). Suppose now that a

(15)

nn(g)ﬁ 8}’) =
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diffuse reverberant field exists within the subsystem. A diffuse reverberant field can be interpreted as being the
field obtained from the incoherent addition of all ‘resonant’ wavetypes contained within a given frequency
band of interest and carrying the same energy. From a wave approach, the section damping loss factor can
therefore be obtained by averaging the previous expression over all values of the phase constants whose
natural frequencies lie within a given frequency band of interest Aw.

The time-average energy of the periodic structure associated with the wave displacement field @,(¢,.¢)) is
given by

NN , , NN,
E, (e, 8,1/) = qu):z{[sz +Klo, = T}(wz + Qi(gx, 8}’))' (16)

When the wave is resonant, v = ,, and the energy therefore reduces to NxNya)z/Z. It can be seen that the
resonant waves (obtained with the adopted mass normalization scheme) have the same energy. The average
resonant damping is therefore given by

1’]5((,0) = <7In(8x; Sy)>g,\.,sy,n/Q,,(s_Y,s).)eAw’ (17)

where ( ) denotes the average and 1,(ey, ¢,) is given by Eq. (15).
3.3. Engineering units data recovery

The primary outputs of an SEA calculation are the (ensemble average) subsystem energies, and the powers
exchanged between subsystems. The ‘engineering units’ response of a subsystem (i.e. the velocity response for
structural subsystems and/or the pressure response for acoustics subsystems) can be found by postprocessing
the subsystem energies. The engineering units response of a given subsystem can, in principle, be found by
adding the ensemble average ‘reverberant’ response of the subsystem and the ‘direct fields’ from any
connections to the subsystem. In practice, for lightly damped subsystems, the reverberant fields of the
subsystems tend to be dominant and the direct fields are typically neglected. Simplified expressions are then
typically used to relate the engineering units response to the subsystem resonant energies. For example, for
spatially homogeneous structural subsystems the time-average total resonant energy is given by E = Mv? [1],
where M is the mass of the subsystem and v? is the space-average mean square resonant velocity (i.e. half the
space averaged modulus square velocity).

For more complex subsystems, there can be significant spatial variations in the engineering units response
when a diffuse reverberant field exists within the subsystem. Consider, for example, a diffuse reverberant field
within a ribbed panel subsystem; at higher frequencies, the response on the skin is typically much higher than
the response on the ribs. For a complex periodic structure, it is possible to derive expressions for the spatial
variations in the engineering units response as discussed in the following section.

As discussed previously, a diffuse reverberant field can be interpreted as an incoherent addition of the
wavetypes in a given frequency band of interest. The time-average energy associated with a resonant wave was
shown to be N. xNyw2/2. The cross-spectral velocity matrix associated with the wave displacement field @,(¢.&))
in a cell is given by w’¢,9,". Averaging over all resonant waves in a given frequency band gives the following
relationship between the engineering units response of the subsystem and the ensemble average subsystem
energy E:

2E "

(SUU) = NxNy <(P”(Pn >e,\,ay,n/Q,,(s,\,,sv)eAw' (18)

The cross-spectral velocity matrix in Eq. (18) is for response locations in the same periodic cell (the phase
constant lag can be included to describe the cross-spectrum of points in different cells). The modulus square
velocity at each node can be obtained from the diagonal entries of the cross-spectral velocity matrix.

4. Coupling with acoustics

The previous sections have discussed the calculation of the response of the structure in vacuo. Suppose now
that the ‘front’ and/or ‘back’ of the structure are ‘wetted’ by adjacent fluids. In an SEA model, the coupling
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between the structure and the fluids can be described by (i) CLFs between the resonant modes of the panel and
the adjacent fluids, (ii) an indirect (or non-resonant) CLF between the two fluids and (iii) an input power to
the resonant modes of the panel from an arbitrary blocked pressure loading within either fluid (due to, for
example, the presence of turbulent boundary layer excitation within the fluid). In this section, the average
resonant radiation efficiency, the power input from a distributed pressure loading, and the non-resonant
acoustic transmission are computed from the eigensolutions of Eq. (6).

Consider a periodic structure that is coupled to a fluid across a finite rectangular ‘connection region’ of
dimension N, x N, cells. It is assumed in what follows that a continuous coupling surface (or ‘wetted’ face)
can be defined over the connection region when the ‘wetted’ face associated with the periodic cell is repeated in
the two directions of periodicity. For example, in the structure shown in Fig. 2, the wetted face can be taken to
be the ‘skin’ of the cell.' In the following analysis, the normal component of the wave displacement shape @ is
obtained and projected onto the wetted surface of the unit cell. The resulting displacement is represented by
the scalar field ¢(x,y). A spatial Fourier transform is then performed across the unit cell. The Fourier
transform for the connection region is related to the Fourier transform across the unit cell as discussed in the
following section.

4.1. Wavenumber transform and periodic structures

A local Cartesian coordinate system (x, y) is defined across the wetted surface of the unit cell and a global
Cartesian coordinate system (X, Y) is defined across the wetted surface of the larger connection region. The
dimensions of the unit cell can be denoted by /, and /,. The mapping between the global and local coordinates
for cell r = (r,,r,) within the structure is given by X = x+r,/,, Y= y+r,/,. The displacement (or pressure)
field associated with phase constants (e..¢,) over the cell r can be written in terms of the field u across the unit
cell as [18]

wX,Y) = u(x, y)e—irxs:x—ir,g,.. )

Suppose now that the connection region is placed inside a rigid baffle, so that the displacement field
outside of the connection region is zero. The spatial Fourier transform of the displacement field can then be
written as [19]

Ulky, ky) = // uX,Y)e X+ qx dy, (20)
Ay

where 4, denotes the surface area of the connection region, and the tilde () indicates that the wavenumber
transform is associated with the field defined over the entire connection region. Eq. (19) can be inserted into
Eq. (20), and the integral over the whole connection region can be separated into NN, integrals over the cells
of area A. Changing the integration variables from global to local then gives

No—1 Ny—1

ﬁ(k“ ky) — //H(X, y)efi(kxerkyy) dx dy Z Z efi(n\(L‘\»+kxll)+r,,(£y+k}.l}.)). (21)
y re=0 r,=0

The first term is the Fourier transform of the displacement field over the unit cell (noted U without tilde).
The double summation over r, and r, can be expressed in closed form. In the following sections, the modulus
square Fourier transform is used. This Fourier transform is related to the Fourier transform over the unit cell
by the following expression:

|Gk k) = UGk k)P s+ Tl Ny + Ky ) with (N, 6) = —— oSN

1 —cos(e) * (22)

"For a typical ribbed panel, the direct acoustic coupling of the ribs is often small since (i) the ribs usually undergo less motion than the
skin, (ii) their surface area is typically small when compared with the skin, and (iii) both sides of the ribs radiate in the fluid, making them
inefficient dipole-like radiators over much of the frequency range of interest.
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The function x can be viewed as accounting for the finite size and periodicity of the connection region,
and relates the wavenumber content across the connection region to the wavenumber content of the unit cell.
The function peaks at ¢ = 2zn with n an integer, and the magnitude of each peak is N°. As the size of
the structure extends to infinity, the function x becomes a series of delta functions, so that x(oo, &) = 4n?/
Iy 02 0(e+ 27n).

4.2. Acoustic radiation

This section describes the calculation of the resonant radiation efficiency of the structure. The radiation
efficiency of a given wetted face can be defined in terms of the acoustic power radiated I1, and the space-
average mean square velocity v, as g1, = I /(pcAyv?), where p and c¢ are the fluid density and speed of
sound and Ay the wetted surface area [4,20]. In an SEA model, interest lies in predicting the (ensemble
average) radiation efficiency when a diffuse reverberant field exists within the subsystem. In the following
analysis, a wave approach is adopted and the average mean square velocity and the radiated power are found
from the incoherent contributions of all in-vacuo waves that are ‘resonant’ in a given frequency band of
interest.

The mean square velocity associated with a particular wave displacement shape @,(&,.&,) can be found by
integrating the displacement field ¢, across the wetted surface of the connection region:

o p
(e, 6) = 2% // o, (X, V)2 dX dY. 23)
Ayn

The time-average acoustic power réldiated by the wave displacement shape @,(&,.¢)) is given by the surface
integral of the product 1/2 Re{iwe,p, }, where p,, is the surface pressure induced by the displacement field ¢,,.
If the wetted surface is approximately planar, then the radiated pressure can be written using Rayleigh’s
integral [20], so that

(X, ¥) = // 0s(X' Y)g(X — X', Y — Y, 0)dX' dY", (24)
An

where the free-field Green’s function of an (untrimmed) baffled structure is given by g (X — X',
Y — Y, 0) = pw?e *R /2nR, with R the distance between the points (X,Y) and (X',Y’), p the fluid density,
and k the acoustic wavenumber. Multiplying Eq. (24) by the velocity field and integrating over the wetted
surface gives

1
(o2, 5) = 5 Re // // i, (X, Yo (X, Y)g* (X — X', Y — Y, 0)dX'dY' dXdY }. (25)
Ay An

The Green’s function can be expressed in terms of its wavenumber transform, G(ky, k,, w) = ipw?/ k> —
ki - kﬁ)l/ 2 [19]. By inverting the order of the wavenumber and spatial integrals, the radiated power can be
written in term of the wavenumber transform ¢, of the wave field over the connection region:

W [o.¢] o0 -
Mot =g [ [ 1m(GU ) )P s 6)

In practice, the averaged Green’s function in wavenumber space proposed in Ref. [19] is employed to avoid
the singularity of the integrand at coincidence.

As shown previously, all resonant waves have the same energy. Egs. (23) and (26) can therefore be used to
calculate the mean square velocity and radiated power when a diffuse reveberant field exists within the
subsystem. Using Parseval’s relation, the surface integral of Eq. (23) can be expressed in terms of the
wavenumber transform, q?)n. Combining the resulting expression with Eq. (26) then yields the average resonant
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radiation efficiency

<fi>0 f |¢n(kwky)|2lm{G(k¥vk}yU))} dk dk )é W yiomes sJ)eAw
pcw f f |<75 (khky)|2dk dk >s o1/ Qu(ex,ey)EAD

where strictly, &sn is a function of phase constants (y,¢)). In summary, the resonant radiation efficiency is
obtained as a function of the wavenumber transforms of the wave fields over the wetted surface of the
connection region. These wavenumber transforms are obtained from the wavenumber transforms of the wave
fields over the unit cell using Eq. (22).

Some comments about the validity of Eq. (27) are given in what follows. The use of the Fourier transforms
(and the Rayleigh integral) means that the current analysis is strictly only valid for flat wetted surfaces. For a
curved surface, Eq. (24) is a good approximation if the curvature is not ‘too small’ when compared with the
acoustic wavelength [22]. The surface is then effectively unwrapped onto a planar surface.

Below acoustic coincidence, the radiation efficiency of a homogenous flat structure is typically dominated by
radiation from the edges of the structure (or, in the current analysis, from the edges of the ‘connection region’ to
the adjacent fluid). This ‘edge’ radiation, in turn, depends on the boundary conditions assumed for the structure.
In the previous analysis, the radiation efficiency obtained in Eq. (27) is for a connection region with Born—-von
Karman (or ‘periodic’) boundary conditions. These boundary conditions can be viewed as being an average
overall all possible boundary impedances applied to a finite panel. Small differences can be expected between this
‘average’ radiation efficiency and the radiation efficiency of specific boundary conditions (such as simple
supported edges). It is shown in Appendix A.4 that for simple uniform flat panels, the radiation efficiency for
Born—von Karman boundary conditions is approximately half that for simply supported boundary conditions.

The current analysis is also for a baffled connection region. The effects of baffled versus unbaffled acoustic
boundary conditions have been reported in Ref. [21]. Removing the baffle typically causes a reduction in radiation
efficiency below coincidence (due to cancellation of the radiation from the front and back edges of the structure).

The current analysis has focused on untrimmed structures. Poroelastic noise control treatments (trim) can
be included in the analysis in two ways: (i) the trim can be described explicitly by FEs and thus be part of the
eigensolution in Eq. (6), the wetted surface being the outer surface of the trim or (ii) the trim can be included in
the wavenumber transform of the Green’s function G(k,.k,,w) by using a wavenumber description of a
multilayered trim [23].

Orad(®) = 27)

4.3. Power input from random pressure loadings

This section describes the computation of the power input to a finite periodic structure loaded over a wetted
surface Ay by a space and time stationary random pressure field. The blocked pressure field is defined by a
space—frequency cross-spectrum R,,(AX, AY,w).

The generalized force on a particular wave displacement shape @,(¢y.¢,) due to a blocked pressure field
p(X,7Y) is the surface integral across the connection region of the displacement field ¢,, times the pressure field.
The resulting complex wave amplitude a,(e,.&,) is given by

[ i, 05X, Y)p(X, Y)dX dY
N Ny((14in)Q(er, &) — )

where the denominator is the dynamic stiffness associated with the wave displacement shape over the larger
periodic structure: the N N, factor accounts for the number of cells of the structure; the terms inside the
parenthesis are derived from Eq. (6) and the mass normalization adopted; the damping loss factor is function
of the phase constants (ey,e,) and eigensolution number n. The radiation impedance of the fluid should,
ideally, also be included in the previous expression. However, the following analysis assumes light fluid
loading for simplicity. The time-averaged power input into the wave is given by

an(ex, 8y) = (28)

I1,(ey, 8)) = %Re //iwan(a‘x, £)0,(X, Y)p*(X,Y)dXdY ;. (29)

AN
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Substituting the expression in Eq. (28) for g, into Eq. (29), the power input is given by

1 iw
(e, ¢) = Re -
En8) = 35N, {(1 FiNQ(ex, &) — 02
x // // 0, (X, Vpi(X, Y)p*(X, Y)p(X', Y)dX dY dX'dY . (30)
Ay Ay

For a spatially stationary random pressure field, the time-averaged product of the pressure terms is the
space—frequency cross-spectrum R,,, which only depends on the distance between points along each axis
(AX=X-X, AY=Y-Y), and on frequency. The wavenumber transform of the space—frequency cross-
spectrum is the wavenumber—{requency spectrum S,,,:

1 [ [ I ,
Ry(AX,AY,0) = 5 / / Spplker, ey, @) E X =OHRT=V) qrc de,. (31)
—o0 J —o0
Substituting Eq. (31) in Eq. (30), and inverting the order of integration gives
I1,(ex,8y) = ! Re o /oo /Oo 1B, (K, k)|* S, Ky, ) de die (32)
n\ex, oy) — 87I2NxNy (1 + irl)Qi('anSy) —w? o) o n\txs vy pp\"xs Nys x By

', 15 a real valued function. ¢, is the wavenumber transform of the
wave displacement field over the connection region, and can be obtained from the wavenumber transform of
the wave field over the unit cell using Eq. (22).
For a given frequency band Aw, the power input into the resonant wavefield can be found by summing the
contribution I1,(¢y.¢,) of all resonant waves: according to Eq. (10), the ‘density’ associated with each wave is
Ny/47r2 so that the power input into a diffuse reverberant field is given by

iy (w) = N N} Z (/ ) II,(ey, &) dey ds},) , (33)

ex,8y/ Qn(ex.8y)EA®

where it has been noted that the spectrum S

where the n summation runs over the number of phase constant surfaces. The double integral can be written as
the mean value of IT,(s,.e,) over each phase constant surface. The expression for IT,(e,.¢,) can be averaged
over the frequency band by assuming that the spectrum S,,, is a relatively smooth function of frequency: the
frequency-averaged value of Eq. (32) is then obtained by considering the value of the spectrum at the center
frequency and by averaging the fraction term only. For resonant waves, the averaged value of the fraction
tends rapidly toward n/ZAw (independent of damping) when # tends toward zero [4] with result that

() = < / / s e Sy (K ey 0) ey dk> . (34)
1 671'A(U g " g ex,8y/ Qn(ex,6y)EA®

Similarly to the derivation of the radiation efficiency, the Born—-von Karman boundary conditions were
assumed to derive Eq. (34), and the comments in the previous section regarding boundary conditions are
equally applicable here. The wavenumber—frequency cross-spectrum S, associated with standard models
of turbulent boundary layer and diffuse acoustic field can be found in the literature (see for example,
Refs. [24,25]).

4.4. Acoustic transmission loss

In this section, the acoustic transmission loss of a periodic structure is derived, when fluids are present on
both sides of the structure. Strictly, in an SEA model, the non-resonant transmission loss describes the
transmission of acoustic power through the non-resonant modes of the structure (the resonant transmission
path is accounted for via the resonant CLFs between the panel and adjacent fluids). In the following analysis,
a diffuse acoustic field is applied on one side of the structure, and the power radiated on the other side is
computed. One approach to this problem is to use the structural equation of motion, Eq. (6), with a
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generalized force on the right-hand side (since a diffuse field loading can be described as a set of uncorrelated
acoustic plane waves which are periodic by nature). The transmitted power can then be estimated for each
angle of incidence by computing the forced response and by computing the radiated power using an expression
similar to Eq. (26). However, with this approach, it is difficult to distinguish resonant and non-resonant
transmissions.

The following analysis therefore adopts an alternative approach based on a recent diffuse-field reciprocity
result [26]. This provides a simple expression for the (diffuse field) CLF between two acoustic cavities
separated by a structure. The CLF is expressed in terms of the radiation and mechanical impedances of the
structure, and can be related to the power transmission coefficient through standard formula [4, p. 485] to give

(w) =

ZI {Dgzi}VS(DtotI {D(l tot )m’ (35)
Ank 1 rs

where k; is the acoustic wavenumber in the source cavity, and 4, is the wetted surface area. The summation
runs over the degrees of freedoms of the structure. ng is the ‘direct field” dynamic stiffness matrix that fluid i
presents to the structural degrees of freedom, (i.e. the radiation stiffness obtained if the acoustic space was
semi-infinite). The total dynamic stiffness Dy, includes the mechanical and radiation contributions,
Dyt = Dy + Dgfi + Dﬁzj The calculation of the radiation stiffness of fluids 1 and 2 can be based on the
same wetted face (for thin structures such as the ribbed panels shown in Fig. 2a,c.e), or two different faces
(for thick structures such as double walls or extruded floors as shown in Fig. 2b,d,f).

The mechanical stiffness associated with a particular wave displacement shape @,(ey.¢,) 1is

strn(&,? )= NNy((1 +l’7)92(9m?})— ®?). The radiation stiffness is the surface integral of the product
@, across the wetted surface of the connection region, where ¢, is the normal component of the wave
displacement shape and p,, is the surface pressure induced by this displacement. The radiation stiffness can be
obtained using a similar derivation to Eq. (26), and is given by

; 1 %) 00 . -
Do) = s [ [ Gl k)P s (36)

Describing the structural field with uncorrelated waves with associated ‘density’ equal to NxNy/4n2, Eq. (39)
becomes

16n NN, Torr Im{Drad 2(Exs ex)}lm{Dmd (Exs &)}
(W) =—5—— Z ) > de,dey, |.
ANkl 4n n —nJ-T |NxN ’((1 1’7)9 (‘cn x) - w2) + Drad ,1(‘0269 gx) + D (8)0 8x)|

rad,n
(37)
The integral in Eq. (37) can be replaced by the averaged value over the phase constant space to give
16 (DY, (er, )} IM{DE) (ex, ex
‘C((U) _ —7;2 2{ ad, n( X )} { ad, 1( )} - ’ (38)
Ak N N ((1 + 17/)9 (6x,&x) — w2) + Drid n(gw ex) + Drdd n(‘gm &)l 6

where A is the area of the wetted face over a unit periodic cell. The » summation runs over the number of
phase constant surfaces.

The contribution to the transmission from the waves with propagating frequency within a given frequency
band Aw (i.e. 2,(¢,.¢,) € Aw) defines the resonant transmission. Alternatively, the non-resonant transmission is
obtained from the contribution of the waves with propagating frequency below and above the frequency band.
The structural dynamic stiffness in Eq. (38) exhibits sharp frequency variations when the wave is resonant in
the investigated frequency band: the resonant transmission coefficient can be analytically averaged over the
frequency band by assuming that the radiation dynamic stiffness Di’a)d’n are smooth function of frequency. The
non-resonant transmission coefficient is a smooth function of frequency and does not require band averaging.

The previous sections have derived expressions for the modal density, engineering units data recovery,
radiation efficiency, power input from pressure loading, and transmission loss of a general periodic panel. The
expressions can be used to define the subsystems properties and the ‘airborne’ transmission paths in existing
SEA models. The power input from a point force applied at a given location in a periodic structure was
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derived in Ref. [18]. In order to predict structural CLFs, it is necessary to derive general expressions for the
point and line impedances of periodic structures. The derivation of such methods will be discussed in a
separate publication.

5. Validation examples
5.1. Honeycomb panel

Consider an aluminum composite panel made of two isotropic skins and a regular hexagonal honeycomb
core. The aluminum properties are p = 2700 kg/m>, E = 71 x 10° Pa, v = 0.3296. The skins are 0.6 mm thick.
The core is 15mm thick, made of hexagonal cells with a foil thickness of 0.0508 mm and a side length of
5.5mm (this corresponds to a standard honeycomb with equivalent density of 28.8 kg/m?®). A unit cell was
created of a single hexagonal structure and was meshed with 424 triangular shell elements and 232 nodes, as
shown in Fig. 4. Periodic boundary conditions were enforced along the horizontal edges of both skins and
along the vertical edges of the honeycomb core.

The free wavenumber analysis described in Section 3 was then performed to find the first few propagating
waves in the composite. The eigensolutions of Eq. (6) were found and sorted for one direction (as the skins and
core exhibit an isotropic behavior). Reference results were obtained for the flexural waves by considering the
equivalent elastic material for the honeycomb core and applying Nilsson’s formula [27], which is based on
finding the roots of a third-order polynomial. The equivalent material properties for the core were obtained
from Ref. [28]. For the in-plane waves, no significant contribution of the core is expected, and the reference
results were computed according to the skin properties: k, = (p(1—v*)/E)"?w and k, = 2p(1+v)/E)" .

The free wavenumbers are shown as functions of frequency in Fig. 4. The reference results are the solid line,
the periodic theory ones the dots. Good agreement can be observed. As explained in Ref. [27], the two parallel
lines are the extensional and shear waves. The top curve corresponds to a symmetric bending wave with in-
phase flexural motion of the skins. This wave exhibits a transition from the bending of the complete thickness
of the composite at low frequencies where the skins undergo expansion and compression, to the bending of
each skin at high frequencies. Two waves cut on at about 17kHz. On of them is described by Nilsson’s
formulation and corresponds to the asymmetric ‘breathing’ bending wave with out-of-phase flexural motion of
the skins. The other is a higher order in-plane wave with a mix of shear and extensional deformations where
the skins of the panel have out-of-phase in-plane motions. It is possible to visualize the deformation associated
with the computed wave by looking at the corresponding eigenvector of Eq. (6).

. = .
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Fig. 4. Dispersion curves of the first five waves of a honeycomb sandwich panel. Dots: predictions from the current formulation; solid
lines: predictions according to Ref. [27].
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The modal densities of the first bending, longitudinal and shear waves were computed for a panel of 1 m?
area, using Egs. (11) and (13). The frequency variations of the three modal densities are shown with dots in
Fig. 5. The bending modal density as given by Renji’s formula [29] is plotted with a solid line, and good
agreement can be observed. For the flexural wave at 10 kHz, the deformation of the periodic cell has been
replicated 13 x 7 times with the appropriate phase lag in order to produce the picture shown in Fig. 5. A single
cell has been highlighted in the middle of the structure and the propagation direction is indicated with an
arrow. It can be seen that this wave motion is essentially symmetric bending of the full composite with in-
phase motion of the skins.

The damping loss factor associated with the first wavetype was computed according to Eq. (15) for a
particular damping distribution. The internal damping loss factor of the core is kept constant at 1. = 2%; the
damping of the skins takes the values #;, = 5%, 3% and 1%. The predicted loss factors of the first wave are
shown in Fig. 6 as functions of frequency between 50 Hz and 20 kHz. Results according to Nilsson [27] are
plotted as a reference. They were obtained by substituting the undamped wavenumber (root of a third order
polynomial) into the expression for the strain energy, involving complex Young’s moduli, and taking the ratio
of the imaginary part over the real part. The slight discrepancies observed at high frequencies are traced to the
rigidity of the FE model of the cell (a finer mesh would be required as the wavelength of deformation becomes
shorter; the use of triangular shell elements may also be introducing some artificial stiffness). It can be seen
that the damping loss factor is not constant; as explained in Ref. [30], it actually depends on which part of the
composite undergoes the most deformation (and then contributes the most to the damping mechanism). At
low frequencies, the wave motion is essentially governed by the extensional motion of the skins, and the
resulting loss factor is close to the skin’s loss factor. At mid-frequencies near 10 kHz, the shear of the core
governs the wave motion, and the damping loss factor gets close to that of the core. At high frequencies, the
predominant bending of the skins makes the wave damping revert back to the skins damping value.

5.2. Ribbed structure

Consider the periodically ribbed panels described in Ref. [31]; FE meshes of the cells are shown in
Figs. 8-10. The panels are made of 4 mm thick plates with ribs every 0.4m in either one direction or two
perpendicular directions. The panels dimensions are 2.7 m x 3.4 m, which approximately corresponds to 7 x 8
periodic cells (0.4 m x 0.4 m). The ribs are 60 mm height, with complicated geometries and thickness between 4
and 16 mm (see Refs. [20,31] for details). All components are made of isotropic aluminum (p = 2750 kg/m”,
E="71x10"Pa, v=10.33), and the base panel can be bare or treated with a damping material layer.
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Fig. 5. Modal density associated with the extensional, shear and flexural wavetypes of a honeycomb sandwich panel of 1 m? area. Dots:
predictions from the current formulation; solid lines: predictions according to Ref. [29].
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Fig. 6. Predicted loss factor of the first wave propagating in a honeycomb sandwich panel. The damping of the core is constant, 1. = 2%.
The damping of the skins is ®, n, = 5%; x, n, = 3%; *, n, = 1%. The results according to Ref. [27] are plotted with solid lines.

The weight added by the damping treatment was estimated from Ref. [31] to be about 3.6 kg per unit area, and
this was included in the models by increasing the material density to 3350 kg/m>. The stiffness effect of the
treatment was neglected, and the damping effect was included by using a higher value of structural damping
loss factors: the averaged values over the investigated frequency range, n = 0.6% and 3% were used. The
unribbed panel was also investigated with damping loss factors # = 1% and 5%.

The corresponding FE meshes for analysis up to 8 kHz are composed of 1288—1700 triangular shell elements
and 698-918 nodes, depending on the rib configuration. For the unribbed plate, this results in approximately
3200 analysis degrees of freedom (various ‘drilling’ degrees of freedom are automatically removed from the
analysis). The CMS reduction retained 104 normal modes and the size of the matrices in Eq. (9) were then
reduced to 636. Applying the periodic boundary conditions in Eq. (5) and reducing the edge degrees of
freedom resulted in 367 degrees of freedom in the matrices in Eq. (6).

The first three phase constant surfaces computed from Eq. (6) for the cross-wise stiffened panel are shown in
Fig. 3. Although it cannot easily be seen in the figure, the surfaces cover the whole frequency range (at any
given frequency there is at least one point in phase space), meaning that there are no stop bands for this panel
in this frequency range (all waves/modes types combined). The surfaces are not symmetric about the &, = ¢,
axis because of the difference between the ribs in the x and y directions, as shown in the mesh of the cell in Fig.
10. The stiffening effect of the continuous rib in the y direction is seen to be more significant than that of the
discontinuous rib in the x direction.

The modal densities of the 2.7m x 3.4 m panels are shown in Fig. 7 for the third octave bands between 100
and 8192 Hz. The analytical result for a bare plate is plotted in gray. Good agreement is observed between this
result and the prediction by Eq. (10) for the base panel. The stiffening effect of the rib can be seen at low
frequencies where the modal density of the cross-wise stiffened panel is much lower than the two other ones.
At higher frequencies, the modal density of the structures tends to the sum of the modal densities of each
component, with the result that the modal density increases from the base panel to the simply stiffened and
cross-wise stiffened ones. The peak in the band centered at 161 Hz in the modal density of the cross-wise panel
is due to the cut-on of the first local mode of the cell.

The measured transmission loss of the panels with and without damping treatments are given in
Refs. [20,31]. Simulations were performed using Eq. (38), where both resonant and non-resonant
contributions have been included. For all three rib configurations, the treated and untreated panels have
been investigated, and the effect of the damping treatment was included in the FE models of the cell as added
mass and increased damping loss factor. It is worth mentioning that based on the modal density computed
above, there are approximately 6500 modes in the base panel in the frequency range of interest. Comparisons
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Fig. 7. Modal density of three 2.7m x 3.4 m panels as a function of frequency. Black: predictions from the current formulation for e, base
panel; x, simply stiffened; *, cross-wise stiffened; gray: analytical result for base panel.
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Fig. 8. Diffuse-field transmission loss of a bare panel with and without damping treatment. Black: predictions; gray: experimental data
from Ref. [20,31]. @, Untreated (n = 1%); *, treated (5 = 5% and additional mass).

between the predicted and measured data are shown in Figs. 8—10. The coincidence frequency of the unribbed
panel is approximately 3000 Hz.

Overall, good agreement can be seen between the predictions and the test data (given the amount of details
available regarding the structures). In all cases, the damping treatment increases the TL. For all three rib
configurations, the same mass is added by the noise control treatment. It can be seen that, below coincidence,
the addition of the noise control treatment has more impact on the TL for the ribbed panels than for the bare
panel. This is observed on both the experimental and simulation data. The reason for this behavior is that
damping only affects the resonant transmission. For the unstiffened panel, the resonant contribution is much
less than the non-resonant one below the coincidence frequency; the transmission below coincidence is
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Fig. 9. Diffuse-field transmission loss of a simply stiffened panel with and without damping treatment. Black: predictions; gray:
experimental data from Refs. [20,31]. @, Untreated (3 = 0.6%); *, treated (n = 3% and additional mass).
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Fig. 10. Diffuse-field transmission loss of a cross-wise stiffened panel with and without damping treatment. Black: predictions; gray:
experimental data from Refs. [20,31]. ®, Untreated (5 = 0.6%); *, treated (n = 3% and additional mass).

therefore fairly insensitive to damping. The increase in the TL of the bare panel below coincidence is primarily
due to the mass effect of the noise control treatment. Adding stiffeners to the bare panel increases the resonant
contribution to the TL. Increasing the damping therefore has a bigger influence on the TL below the
coincidence frequency.

5.3. Curved structure

The effect of curvature on the modal density, sound radiation and sound transmission of a structure is now
investigated for the same 4 mm thick bare aluminum panel. A damping loss factor of 5% is used in the
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following analysis. The panel is curved around a single axis with a radius of curvature of R = 2 m; the resulting
ring frequency is 432 Hz.

All simulations are performed over the third octave bands between 64 and 4096 Hz. The modal densities of
the flat and curved panels made of 20 x 20 cells are shown in Fig. 11 as functions of frequency. The reference
results from Ref. [33] are plotted in gray, while the current predictions according to Eq. (10) are plotted in
black. Good agreement is observed. At the ring frequency, some discrepancies appear as the (narrowband
analytical) modal density in Ref. [33] tends to infinity.

The radiation efficiencies of the flat and curved panels are shown in Fig. 12 as functions of frequency. Two
predictions are provided for the flat panel: the line with circles is the computed radiation efficiency for the
panel with Born—von Karman boundary conditions (the wavenumber transform (}5,, in Eq. (27) relates to the
displacement field associated with each wave); the line with cross signs is the radiation efficiency of the panel
with simply supported boundary conditions (the wavenumber transform in Eq. (27) is a linear combination of
the four waves that generate a simply supported mode shape; see last paragraph of Appendix A.4). The
reference result from Ref. [32] for a simply supported flat panel is plotted in gray. It can be seen that
the periodic predictions with Born—von Karman boundary conditions are approximately 3 dB lower below the
coincidence frequency, while the periodic prediction with the simply supported boundary conditions show
good agreement with the reference result. Both predictions yield the same values above the coincidence
frequency, as the effect of the boundary conditions on the radiation properties becomes unimportant. The
3 dB difference is explained in Appendix A.4 as a direct effect of the boundary conditions.

It is interesting to note the trend of the predicted radiation efficiency of the curved structure. Below the ring
frequency at 432 Hz, the stiffening effect of the curvature makes the curved panel a more efficient radiator
than the flat one (a difference of approximately 15dB can be observed). Above the ring frequency, wave
propagation in the curved panel tends toward that of the flat panel as the effect of curvature diminish and this
results in similar radiation efficiencies.

The radiation efficiency of the flat panel with periodic boundary conditions has been computed for three
sizes of panel and is shown in Fig. 13. As a reference, the analytical formula from Ref. [32] has been plotted in
gray (with a 3dB reduction below the coincidence frequency to account for the use of simply supported
boundary conditions). It can be seen that the periodic theory is able to accurately describe the variations of the
radiation efficiency as a function of the panel size. This finite-size effect is accounted for by the terms N, and
N, in Eq. (22), which relates the Fourier transforms of the displacement fields over a cell and over the entire
finite structure made of N, x N, cells.
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Fig. 11. Modal density of a flat and curved panels as a function of frequency. Black: predictions from the current formulation; gray:
results from Refs. [33].
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Fig. 12. Radiation efficiency of an 8 m x 8 m panel as a function of frequency. Black: predictions from the current formulation; e, flat

panel with Born—von Karman boundary conditions; x , simply supported flat panel; %, simply supported curved panel; gray: result for a
simply supported flat panel from Ref. [32].
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Fig. 13. Radiation efficiency of a flat panel as a function of frequency. Black: predictions from the current formulation for panel of size:
(a) 40m x 40m; (b) 8m x 8 m; (¢) 1.6m x 1.6 m; gray: results from Ref. [32] modified for boundary conditions effects.

The diffuse-field Transmission Loss of the flat and curved structures according to Eq. (38) are shown in
Figs. 14 and 15 as functions of frequency. The structure was considered of infinite size by using N = oo in
Eq. (22) to relate the wavenumber transforms of the displacement fields over the structure and over a single
periodic cell. Reference results for the transmission through curved isotropic infinite structure can be found in
Ref. [34], and are plotted with gray lines. Good agreement can be observed between the reference and periodic
predictions. In particular, the different frequency regimes for transmission can be identified. For the curved
structure, the transmission behavior is divided in three parts: at low frequencies the transmission is fairly flat
until it drops at the ring frequency at 432 Hz; it then increases up to another drop at the coincidence frequency
at 3000 Hz; it then monotonically increased with frequency. For the flat panel, only the coincidence effect is
visible, so that only two frequency regimes are present.
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Fig. 14. Diffuse-field sound transmission loss through a flat panel. Black: predictions from the current formulation: *, resonant
transmission; x , non-resonant transmission; @, total transmission. Gray: result from Ref. [34] for total transmission.
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Fig. 15. Diffuse-field sound transmission loss through a curved panel. Black: predictions from the current formulation: %, resonant
transmission; X , non-resonant transmission; e, total transmission. Gray: result from Ref. [34] for total transmission.

The resonant and non-resonant contributions predicted by the current formulation are plotted with dotted
lines. The results are in agreement with the known behavior that transmission through flat panels is governed
by non-resonant modes below the coincidence frequency and by resonant modes above. The same behavior is
observed for the curved structure, with the additional frequency regime below the ring frequency where
resonant and non-resonant transmissions show similar contributions.

6. Conclusions

This paper has discussed a general and efficient method for describing wave propagation in complex
structural panels. A FE model was used to describe the response of a (rectangular) unit cell. CMS was then
applied to the cell (in order to reduce the number of degrees of freedom), resulting in significant reductions in
computational expense. Periodic boundary conditions were then applied to the edges and corners of the cell
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and phase constant surfaces obtained by solving an algebraic eigenvalue problem. Expressions were derived
for: modal density, section damping loss factor and ‘engineering units data recovery,” using both wave and
modal approaches. Additional expressions were then derived for the (resonant) radiation efficiency, input
power from random pressure loads and (non-resonant) transmission loss of the panel. The latter expressions
made use of an efficient Fourier transform formulation. The main contribution of the current paper is to show
that the combination of CMS and periodic structure theory can be used to develop a general SEA subsystem
formulation. This general SEA subsystem addresses many problems encountered with traditional analytical
SEA formulations. The current paper has focused on the coupling between the structure and adjacent fluids;
the extension to structural coupling (and the incorporation of pressurization and fluid loading effects) will be
focus of future publications.
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Appendix A. Modal approach to SEA

In this appendix, a modal approach to SEA is presented to compute the SEA properties of a periodic
structure. It is shown that the eigensolutions of Eq. (6) associated with a unit periodic cell can be use to
assemble the modes of a larger periodic structure with particular boundary conditions. By using a modal
expansion, expressions are derived for the forced response of this larger periodic structure due to a given
excitation. The expressions for the forced response are then averaged and expressions are obtained for the
overall section damping loss factor, engineering unit response distribution, radiation efficiency, power input
from pressure loading and transmission loss.

A.1. Waves and modes in 2D periodic structures

This section provides a brief summary of the relation between the modes of a finite 2D periodic structure
with particular boundary conditions and the phase constant surfaces [18]. Consider a periodic structure with
N, x N, cells. To simplify the analysis, a set of boundary conditions can be chosen for the edges of this larger
structure that are amenable to analytical analysis. The following analysis therefore assumes Born—von
Karman (or ‘periodic’) boundary conditions in which the displacements of the overall structure are identical
along the extreme left and right edges, and extreme top and bottom edges.

For a given phase constant surface Q,(¢,.¢,), there are NN, values of the phase constants (e,.¢,) that satisfy
the Born—von Kirman boundary conditions. These values are given by &, = 2np/N,, &,, = 2ng/N,, where p
and g are integers ranging from 0 to N,—1 and 0 to N,—1, respectively. For a given phase constant surface, the
waves with phase constants (&y,e,,) and (—&.,, —&,,) propagate at the same frequency w,, = Q2,(xp.&yq)-
These two waves therefore combine to produce two standing waves (or ‘global modes’). The displacement
fields { of these global modes across the r = (r,,r,)th cell are given by

Wipgn(r) = 2Re{@q, €700y Ny, (1) = 21m{ @, , e "), (A.T)

where @, , is the wave displacement shape or eigenvector associated with the nth phase constant surface. For
the global modes of Eq. (A.1) to be mass normalized, the eigenvectors of the unit cell must satisfy the
condition (ppq nM/(ppqn = 1/(2NN,). The eigenvectors obtained from Eq. (6) using standard eigensolvers are
typically mass normalized. In what follows, the normalization q)pq”M/(ppq,, =1 (or \|1tpan/\|1,pqn =2) is
therefore adopted and the 2NN, factor is explicitly included in subsequent equations. In summary, a series of
‘global modes’ for a larger periodic structure can be obtained by considering the phase surfaces of a unit cell
for a discrete grid of phase constants with values given by (&y,,&,,)-



V. Cotoni et al. | Journal of Sound and Vibration 318 (2008) 1077-1108 1101
A.2. Damping loss factor from a modal approach

In the following section, a modal approach is adopted by performing a discrete summation over all modes
resonant within a given frequency band. A diffuse reverberant field is approximated by applying spatially
incoherent ‘rain-on-the-roof” excitation to the resonant modes.

Suppose that we calculate the ‘resonant’ damping loss factor for the mode shape associated with a given
wave (i.e. the damping loss factor when the mode is excited at its resonant frequency). Since @, , is a mass-
normalized eigenvector with eigenvalue w,, , = Q,(éxp,&,,), the denominator of Eq. (15) at frequency w,, , is
equal to 2w, so that

1717‘1,” (wp%”) Z '/’r(ppq,n (RHKI’R)(qu,n . (A2)
qn r
Suppose now that we apply a force of complex magnitude f in the cell identified by position r = (ry.,r,)
within the periodic structure. The velocity response of any cell ¥’ can be written in terms of the mode shapes
defined in Eq. (A.1) so that

T /
V) =3y D o WDV (F)

(A3)
Y tpgn D1+ 11y ) — 02

where the summations is over all modes of the structure: the subscript ¢ takes the values 1 and 2, p and ¢
describe discrete values of phase constants over the region (0<p<N,—1, 0<g<N,/2), and the summation n
runs over all phase constant surfaces. For an isolated structure, the time-average power dissipated by the
structure equals the time-average power input into the structure so that

1 11 iw
Puiss = = Re{f1 = T i R . A4
diss P C{ V(r)} 2 2NxNy ,’%1;,’ ‘I’[,pq,n(r) ‘Ilr,pq,n(r) ¢ CUI%q,”(l + in],q,n) — > ( )

The following analysis employs a general form of ‘rain-on-the-roof” excitation in which all local modes
receive equal input power. This equates to ‘spatially delta-correlated, broadband excitation whose magnitude at
any location is proportional to the local mass density’ as discussed in Ref. [35]. The force cross-spectral matrix is
thus proportional to the mass matrix, so that ff = M’. Due to the mass normalization of the modes, the first
three terms in the summation above thus reduce to 2.

Since we are interested in the resonant damping loss factor of the section, the summation can be restricted
to modes with natural frequency w,,, within the frequency band Aw. The previous expression can be
further simplified by averaging the input power over the frequency band to which the natural frequencies
Wpq.n belong. As shown by Cremer and Heckl [4, p. 329], the last term in Eq. (A.4) is closely approximated by
n/2Aw, (provided the modal bandwidth is small when compared with the averaging bandwidth). This
assumption is usually a good approximation in practice. The resonant band-average dissipated power is then
given by

(Pdiss) (AS)

fAo =HON N > 2A0°
XYY tpgn

where the summation is over the modes with a natural frequency w,, , within the frequency band of interest.
The { )1 brackets indicates that the previous quantity is for rain-on-the-roof loading and is averaged over
the frequency band of interest.

The time-average kinetic energy of the structure due to excitation by a force f can be expressed in terms of
the mass matrix and the velocity response over a periodic cell. Substituting for the velocity response in
Eq. (A.3) and making use of the mass orthogonality of the modes, the energy can be written as a single modal
summation, so that

Ly vty =4 ] o’
4 g 4 4N N} I,pqn pq n(l + ”/’pqn) — w?

|2(2\|:qu,nffH\lu,pq,n). (A.6)
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Using the cross-spectral matrix for the rain-on-the-roof excitation, the term inside the bracket
reduces to 4. Considering only the resonant energy (i.e. w,,,€Aw), and averaging over the frequency band
Aw gives

1 i3

(T) f A0 — (A7)

4NN, bt 20pg M pg A0

The damping loss factor associated with the average response of the structure in a band centered at the
frequency w is the ratio of the average power dissipated over twice the average kinetic energy time the circular
frequency,

-1

Pd > ¢ 1
ny(w) = %MU - < > ’ -
f,Aw ’717(1," P Opgn€A®

where use has been made of the fact that w,,, is close to the center band frequency (since only the resonant
modes are included in the expressions of the power dissipated and the kinetic energy).

Under the condition that the structure has a high modal overlap, the terms in Eq. (A.8) are smooth
functions of p and ¢, and the average over the discrete values of p and ¢ can be replaced by an average over the
continuous values of phase constant surfaces [18]. Alternatively, if the ensemble average of the quantities is
considered, then the frequency sums can be averaged across the ensemble of random structures where the
modes are random quantities [1]. The ensemble mean is given by a similar continuous average where the modal
density is introduced rather than Aw. This relaxes the requirement for high modal overlap and frequency
averaging. The reason why both averaging approaches yield the same result is that a single system with high
modal overlap has a response that is similar to the ensemble average (according to the SEA variance theory [1]
which shows that the ensemble variance is inversely proportional to the modal overlap). The ensemble average
damping is therefore written as follows:

m(w) = (<1/’1n(8xa 6y))s,\-,az),‘,n/Q,q(aa,\.,xJ,)EAw)_] . (A.9)

This result differs from Eq. (17), where the average damping obtained using a wave approach was shown
to be the averaged value of the wave damping loss factors over the phase space. This is related to the
assumptions introduced in the modal derivation. In particular, the rain-in-the-roof loading injects equal
power into each mode. For a loading yielding equal energy of each mode, the modal derivation would yield to
Eq. (17).

A.3. Engineering units data recovery from a modal approach

Eq. (A.3) gives the velocity response of the periodic structure to a force f applied in the cell with position r'.
Following a similar modal approach to the previous section, the cross-spectral velocity matrix in a cell r is
obtained for rain-on-the-roof loading, and by using the mass orthogonality of the mode shapes the double
modal summation is reduced to a single summation. Grouping the 1,pg and 2,pg modal contributions then
gives the following expression for the cross-spectral velocity matrix

w?

H
V(l')V ( ) (2N Ny)2 Z w? (1 + 177pq n) -

pqn Bpgn

2|2 2(\lll P4, n(r)\l’l P4, n(r) + \Il2pq n(r)\llzpq n(l')). (AIO)

In Ref. [18], it was shown that the term in parentheses equals 4Re{@,,, L0 ra. ny» Where @, , is the wave
displacement shape from Eq. (A.1). Since interest lies in recovering the engineering units response associated
with a diffuse reverberant field, only the contribution of the resonant modes is considered in Eq. (A.10).
The summations over pg,n are consequently restricted to the modes with natural frequency within the
frequency band of interest Aw. To average Eq. (A.10) over the band, the fraction in the summation is
approximated by 7/(21,,,0,4,A®) [4]. This result is valid if there are several modes in the band and if the
damping is not too great (the modal bandwidth must be small when compared with the averaging bandwidth).
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Eq. (A.10) then becomes
8 T
(2NxNy)2 %,; 277Manw17f1,’1Aw

<V(r)VH(r))f,Aw = Re{(ppq,n(p;lq,n}' (Al 1)
The total resonant energy averaged over the frequency band is given as two times the expression in Eq. (A.7)
so that the cross-spectral velocity matrix of the periodic structure is given in term of the total energy E by

2E qu,nl/wpq,nnpq,nRe{(qu,n(P;{],n} N 2F
N»’CN}’ qu,nl/w[ﬂ]’”npqm NXNy

where the damping loss factor 7, is given in Eq. (A.2). The last expression of Eq. (A.12) was obtained by
assuming that the resonant waves propagating frequencies and damping loss factors are uniform across the
frequency band. Similarly to the damping loss factor, the average over the discrete values of p and ¢ is replaced
by an average over the continuous values of phase constant surfaces (invoking ensemble statistics) to give

va = (Re[(ppq,n (pll;i[,n])pq,n/(a/,q,,,eAw ’ (A 1 2)

Suw

w = NxNy <Re{(pnq)ll1{})z:x,z:"»,n/Q,,(x:x,z;y)eAw' (A 1 3)

This result differs from Eq. (18) obtained with a wave approach in that the modal result is the real part of
the wave result. This is due to the assumptions introduced in the modal derivation: the modes each exhibit in-
phase motion and they are incoherently excited by the rain-on-the-roof loading, therefore producing a real
cross-spectrum. Both results are identical for the modulus square velocity obtained from the diagonal entries
of the cross-spectral velocity matrix.

A.4. Radiation efficiency from a modal approach

In this section, a modal approach is adopted to compute the average radiation efficiency of a periodic
structure coupled to a fluid across a finite rectangular ‘connection region’ of dimension N, x N, cells. Similarly
to the wave approach presented in the main text, the normal component of the mode shape displacement field
\ defined in Eq. (A.1) is obtained over the wetted surface of the unit cell. The resulting displacement is
represented by the scalar field y/(x,y). In this section, and the two following sections about acoustic coupling,
the (resonant) structural damping loss factor is assumed to be constant within each frequency band of interest
(in practice, the averaged value found from Eqgs. (17) or (A.8) is used).

The average mean square velocity and the radiated power are expressed in terms of the in-vacuo resonant
modes of the structure. Eq. (A.3) gives the velocity response of the periodic structure to a force of magnitude f
applied in the rth cell. This can be written in terms of the displacement field projected onto the wetted face of
the connection region as

i Zflpt,pq,n(XO) YO)‘//t,pq,n(Xa Y)

i
X,Y)=
ux. 1) 2NN, w? (1 +in) — o?

 t,pg.n

: (A.14)

where f'is the complex magnitude of the point force applied at (X, Yy) in the direction normal to the face. The
mean squared velocity can be found by integrating |v(X, Y)|?/24y across the wetted surface. The expression
can then be averaged over the rain-on-the-roof loading (uncorrelated forces with magnitude 1> = p(Xj, Yo)) to
yield a double integral over the wetted surface. The double summation collapses to a single summation
because of the mass orthogonality of the mode shapes. Grouping the pg contributions together then gives the
following expression for the average mean square velocity

<§> _ 1 w?
/" 44yN,N, (14 in) — @?)?

// W (X, V) 402, (X, V) dX dY, (A.15)

An

(o5

pg.n T pg.n

where p,q represent points in phase space (0<p<N,—1, 0<g<N,/2). The previous summation can be
restricted to resonant modes (since interest lies in the radiation efficiency of the resonant modes of the
structure). The term in the integral was shown in Ref. [18] to be equal to 4\(ppq,n(X,Y)|2, where ¢, , is the
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projection of the wave displacement shape. Using Parseval’s relation, the surface integral can be expressed in
terms of the wavenumber transform ¢, , of the displacement field over the wetted surface of the connection
region Ay so that

= 1 1 w? RO B )
() =-5 , / / B nllen, b)) dicy dic,. (A.16)
I A ANNNy 1; |w§(l,n(l +in) — C02|2 cood-oo T ! !
The wavenumber transform %pq,n of the projected wave shape over the connection region is obtained from
the wavenumber transform over the unit cell using Eq. (22). Averaging over a frequency band Aw centered at
w gives

1 1
T e wervr DY B L (A17)

pg.n v

Consider now the problem of predicting the acoustic power radiated by the resonant modes of the structure.
The time-average power radiated by the velocity field v(X,Y) is given by the surface integral of the product 1/2
Re{vp"}, where p is the surface pressure induced by the velocity field. Substituting Eq. (A.14) for the velocity
field gives the following expression for the radiated power:

1T = lRe iwf‘//tpq n(XOs. YO)
2 2NN (@2, (1 +1in) —

Lpq.n

(1)2) [/lpt,pq,n(X’ Y)p*(Xa Y) dXdY . (Alg)
AN

The radiated pressure that arises when the structure is excited by a single point force can be written in terms
of the following modal expansion:

1 Zf(]lptpqn(XOa YO)prpqn(X Y)

(X, Y)=
2N, Ny,pqn pqn(l +in) —

(A.19)

where p, ., is the pressure field due to the vibration field corresponding to the modal normal displacement
shape ¥, ,,». Substituting Eq. (A.19) into Eq. (A.18), and averaging the radiated power over all rain-on-the-
roof loading locations, gives

1 1 iw
m),=--——Re X, Y)p* (X,Y)dXdY }. A20
( )f 2 2NxNy r’p;l |w;qn(1 + 17]) _ w2|2 / l/jt,pq,n( )pf,pq,n( ) ( )

If the wetted surface is planar then the pressure radiated by the mode shape ¥, ,,, can be written using
Rayleigh’s integral and the free-field Green’s function: the pressure p, ,, , is then found from Eq. (24) where
W1 pg.n is substituted to ¢,,. Inserting the resulting integral over space into Eq. (A.20) gives an expression for the
radiated power in terms of a double surface integral. The Green’s function can be expressed in term of its
wavenumber transform, G(k,,k,, w) = ipw?/ k* — ki — k%)l/ 2 [19]. By inverting the order of the wavenumber
and spatial integrals, Eq. (A.20) can be rewritten )

Lo
S R
22NN, ©

(), =

pq.n

s / / G (ks ks ) pgnlle, k) dkxdy b, (A21)
2, (1 +in) — ) m

where

Jogn = // / sy X YW (X Y)Y (X VS o V)
Ay Ay
o X=X+ =Y) 4y Y dX'd Y.

The term in the brackets in the expression for J,,,, was shown in Ref. [18] to be equal to

20y n 5 V)P (5 V)T 4 2% (X, )9, (X, 1P, Where f = rie,+ 16y, and @, is the projected wave
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shape across the unit cell, 7, and r,, are the coordinate of the cell where the integration is performed. ¢,, and ¢,
are the phase constant associated with the pg,n mode. The J,, , integrals over the connection region can be
split in NN, integrals over the local cells, and the integration variables changed from global to local to give

Jpq,n(kx, ky) = 2|¢pq,n(kxs ky)|2 + 2|¢pq,n(_kx, _ky)|2a (A.22)
where qNSM,n is the wavenumber transform of a given wave shape over the connection region. This can be
obtained from the wavenumber transform of the wave shape over the unit cell using Eq. (22). The function G
is a symmetric function of k, and k,. The two terms in J,,, therefore contribute equally to the integral
in Eq. (A.21).

The radiated power can be averaged over the resonant modes in the frequency band of interest. The fraction
exhibits some resonances and anti-resonances, while the integral is expected to be a smoother function
of frequency. The frequency average is therefore performed by considering the value at the center band
o for the integral, and replacing the fraction by in/(2nw*Aw). Eqs. (A.21) and (A.22) can then be combined
to give

1 1 T e
) i | e PImiGle ke od by (A2
pg.n —00 J —00

Jh0 = qn2 NN, 2nw

Combining Egs. (A.17) and (A.23) then yields the averaged radiation efficiency of the resonant modes in the
band centered at w:

Myrno  Dopgn S o0 Jooe Ppgulbns k)P Im{Glkr, k), 0))dk, dk,

pan 7). : , (A.24)
pCAN (UZ)f,A(u pchpq,n f—oo f—oo |¢pq,n(kxa ky)l dkx dky

Orad(®) =

where only the resonant modes are included in the pg,n summations. The summation over the resonant normal
modes in Eq. (A.24) can be replaced by integrating the phase constant surfaces over the resonant region of
phase space ©Q,(¢y.¢,) € Aw: this yields to Eq. (27) which was derived from a wave approach.

In the special case of an orthotropic structure, the four waves with phase constant pairs (F&,, *¢,)
propagate at the same frequency. By using the values ¢, = pn/N, and &,, = gn/N,, with p and ¢ integers
ranging from 0 to N,—1 and N,—1, the combination of the displacement fields associated with the four waves
yields a stationary simply supported mode shape whose wavenumber transform on the whole structure is given
by ¢, , (kv k) + q?bjnay(—kx,—ky) — s, o (kesky) — &, _, (—kv,—k,). Using the combination of these four
terms in Eq. (A.24) yields the averaged radiation efficiency of the simply supported periodic structure. When
the structure is not orthotropic, or if the boundary conditions are not known, the radiation efficiency with the
Born—von Karman boundary conditions can be used. It is seen from Eq. (A.24) to be equivalent to an average
over the free waves propagating in the structure, and therefore corresponds to the radiation of a plate with
anechoic boundary condition (no wave reflection at the edges). It is known that the boundary conditions of a
flat plate have a significant impact on radiation below the coincidence frequency, due to the coherence effects
between the incident and reflected waves at the edges. In Eq. (62) of Ref. [4, p. 529], the power radiated below
coincidence by a semi-infinite plate with a wave normally incident and reflected at the edge is shown to be
proportional to (1+r>—2rcosy), where re” is the wave complex reflection coefficient. The modulus squared
velocity is proportional to (1 +r?+ 2rcos(y—2k,x)), with x the distance from the edge and k, the bending
wavenumber, and the resulting space average velocity is proportional to (1+#%). The ratio of power radiated
over mean square velocity is thus proportional to 1 for the anechoic boundary (r = 0), and 2 for the simply
supported one (re” = —1). From this simple analysis, one expects the radiation efficiency of a flat plate with
Born-von Karman boundary conditions to be half the value of the plate with simply supported boundary
conditions. The effects of the boundary conditions are significant below the coincidence frequency for
homogenous structures because the radiation is then dominated by edge and corner effects. For ribbed
structures, when the structural wavelength is of similar size or shorter than the ribs spacing, these edge effects
become less important.
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A.5. Power input from random pressure loadings from a modal approach

This section describes the computation of the power input to the resonant modes of a finite periodic
structure loaded by a space and time stationary random pressure field over a connection region with wetted
surface Ay. The blocked pressure field is defined by a space—frequency cross-spectrum function R,,(AX,
AY,w). The projection of each mode shape across the wetted surface is given by ¥, ,,,. The modal response
y pq.n due to the pressure loading is given by:

Q2N Ny)(or, (1 +in) — &)y pg () = // Vi pgnX, Y)p(X, Y)dX dY, (A.25)

where the right-hand-side term is the generalized modal force due to the blocked pressure field. The radiation
impedance of the fluid should, ideally, also be included in the previous expression. However, the following
analysis assumes light fluid loading for simplicity. The total time-averaged power input is the sum of each
modal contribution:

(@) = Z Re // 10 pg (W py (X, VIP*(X, Y, 0)dX dY 3. (A.26)

qul’l

Substituting Eq. (A.25) in Eq. (A.26) and regrouping the pairs of pg,n modes yields

1 i
Hi (a)) Re
! 4N NJ’; { pqn(l ”7)_ wZ

x // / sy X0 VO (X Y (X YW (X, Y]

Ay Ay

x p*(X, Y, o)p(X', Y, 0) dXdeX’dY’}, (A.27)

where the summation runs over the phase plane (0<p<N.—1,0<g<N,/2). For a spatially stationary random
pressure field, the time-averaged product of the pressure terms is the cross-correlation function R,,, and it can
be expressed in terms of the wavenumber—frequency cross-spectrum using Eq. (31). Substituting Eq. (31) in
Eq. (A.27), and inverting the order of integration gives

iw o0 o0
(@) = 167 ZN N Z {wf,q,n(l +in) — w2 /_Oo /_OO Spp(kx,kya w)"l’q,n(kx; ky) dk, dky}a (A.28)

}qn

where J,,, was defined in Eq. (A.21). Substituting into Eq. (A.28) the expression in Eq. (A.22) gives

Min(0) = 2NNZ { (1+m) wz} / / SRy Koy ) D pgnbns k)P e dhys (A29)
1”1"

Y pq.n

where it has been noted that S, is a real valued function. q~5pq,,, is the wavenumber transform of the wave shape
over the connection region, and it can be obtained from the wavenumber transform of the wave shape over the
unit cell using Eq. (22).

The power input into the resonant modes of the structure can be found by keeping in the pg,n summation
only the modes with natural frequency within the frequency band of interest. Assuming that the spectrum S,
is relatively smooth across the frequency band of interest, the frequency-averaged value of Eq. (A.29) can be
obtained by considering the value of the cross-spectrum at the center frequency and by averaging the fraction
term only (as in previous sections). For the resonant modes, the averaged value of the fraction tends rapidly
toward ©/2Aw when 7 tends toward zero [4].
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The summation over the resonant modes can be replaced by a continuous sum over the phase constant
surfaces (each contamlng N.N,/2 pq pairs), so that Eq. (A.29) becomes

10 = e ([ Slh ksl e o) dec >/Q()A (A.30)

where strictly, d~)n is a function of phase constants (ey.¢,). The n summation runs over the number of phase
constant surfaces. This result is identical to Eq. (34), which was derived from a wave approach.

A.6. Transmission loss from a modal approach

A modal description of the structure response is used to derive the transmission loss from Eq. (35). If the
modes of the periodic structure are used as degrees of freedom, the mechanical stiffness matrix is diagonal with
entries (D), g = 2NN y(wﬁqm(l + i) — w?). If the fluid loading is light, it can be assumed that the fluid does
not couple the modes and the matrix D, is therefore diagonal, with the result that a single summation
remains in Eq. (35):

(2 (1)
() =~ 5 10 Braa g M D g} (A31)
2 . 5 .
ANkl pq.n |2NxNy(w127q,n(1 + 1’7) - CO2) + Dﬁzll)d,pq,n + Dgl)d,pq,nl2

where the contributions of modes 1, , and /5,,, have been combined. Grouping the pg,n contributions at
this stage is not strictly valid as some cross products terms will artificially appear in the numerator of
Eq. (A.31). Since the imaginary part of the radiation stiffness is necessarily positive, the maximum error
introduced by the grouping is a factor of two. The summation over pg,n covers all the modes of the structure: p
and ¢ describe points in phase space (0 <p <N,—1, 0<g<N,/2) and n runs over the number of phase constant
surfaces.

The self-radiation dynamic stiffness of each pair of modes is defined as

D)y (@) = / W5 (X YD1 n (X, Y)Y+, (X, YIPopy (X, V)IAX AY, (A.32)

where p, ,, , is the pressure radiated by the modal vibration field v, ,, ,. This surface integral is the sum of two
terms given by Eq. (A.20), and following a similar derivation it can be written as follows:

; 1 00 oo .
Df"jd’pqﬂ(w) = ;/ / |¢pq,n(kk‘7 ky)|2Gj (k)C7 ky7 (,0) dkx dk )y (A33)

where G; is the wavenumber transform of the free-field Green function of a baffled structure in the fluid 7, and
q?ﬁpq,n is the wavenumber transform of the wave shape across the connection region. The wavenumber
transform is obtained from the wavenumber transform of the wave shape over the unit cell via Eq. (22).

The summation in Eq. (A.31) can be replaced by an integral over the phase constant surfaces (each
containing N N,/2 pg pairs). Using the notations of Eq. (38), one obtains

32 Im{D Ex, Im{D a(Ex, &
‘E(a)) _ _ZZ : - { radn( X x)} {(I;ad ( X ‘c)} 5 - , (A.34)
Akl n |N‘ch((1 + ln)Qn(EXn SX) - wZ) + 2Drad,n(8«\” F’v) + 2Drad,n(gv\” F*)l Ex,8p

where A is the area of the wetted face over a unit periodic cell. The » summation runs over the number of
phase constant surfaces. The difference between this results and Eq. (38) obtained from a wave approach can
be traced to the coherent grouping of the modes employed in the modal derivation.
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